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Abstract The efficiency of compression processes tends to
decrease dramatically when the overall dimensions are
scaled down to micron level. Then it can be assumed that
the compression is more efficient if no moving parts are
involved in the process. This is achieved by replacing, at
least partially, turbo-compressor stages with a wave ro-
tor. The work starts with estimating wave rotor efficiency
at microscale by extrapolation. Then, an analytical model
is introduced from which the theoretical efficiency of
compression process in a microchannel is deduced.
Knowing the inlet conditions and the pressure gain across
the shock, the overall efficiency of the compression can be
calculated. The model assumes constant friction along
the walls and no heat exchange with the surroundings.
The results suggest that an efficiency of 70–80% can be
achieved in the channels of an ultra-micro wave rotor. It
is shown that if the inlet temperature is high enough
(about 1500 K), the efficiency is even higher, up to 90%.

Keywords Wave rotor Æ Shock wave Æ Microchannel Æ
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Nomenclature

a Speed of sound (m/s)
Cp Specific heat (J/kg K)
DH Hydraulic diameter (m)
f Friction coefficient
c Specific heat ratio
Dp Pressure drop (Pa)
g Isentropic efficiency (%)
gC Isentropic compression efficiency (%)
gP Polytropic efficiency (%)
L Channel length (m)
L* Distance to sonic conditions (m)

k Entrance loss coefficient
M Mach number
l Kinematic viscosity (St)
lref Reference viscosity (St)
P Pressure ratio
p Pressure (Pa)
PRW Wave rotor compression ratio
R Specific gas constant (J/kg K)
q Density (kg/m3)
Re Reynolds number
S Effective temperature (K)
Tref Reference temperature (K)
T Temperature (K)
u Flow velocity (m/s)
up Induced flow velocity behind shock wave (m/s)
w Shock wave velocity (m/s)

Subscripts

0 Inlet port
1 Entry of the microchannel
2 Location before shock (relative to fixed reference

frame)
3 Location after shock (relative to fixed reference

frame)
4 Exit of the microchannel
air Pre-compressed air from compressor
C Compressor
comb Combustor
gas Exhaust gases from combustion chamber
S Shock
t Total (stagnation)
T Turbine
WC Wave rotor compression
WT Wave rotor expansion

1 Introduction

Begun in 1995, with the MIT ‘‘Micro Gas Turbine’’
project, the engineering research world has explored
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more and more the idea of ‘‘Power MEMS’’ (Epstein
et al. 1997a, b). To differentiate from what industry
defines microturbines (gas turbines in the 10–100 kW
range), the concept of ultra-micro gas turbines (UlGT)
has been introduced to define the microfabricated de-
vices having overall dimensions in the millimeter range
and producing up to around 100W. Microfabricated
turbomachinery like turbines, compressors, pumps, but
also electric generators, heat exchangers, internal com-
bustion engines and rocket engines have been on the
focus list of researchers for the past 10 years. The reason
is simple: the output power is proportional to the mass
flow rate of working fluid through the engine. While this
scales with the through-flow area, which is proportional
to the square of the characteristic length, the mass or
volume of the engine is proportional to the cube of the
characteristic length. Thus, the power density, which is
power/volume will be proportional to the inverse of the
characteristic length. This is the so-called ‘‘cube square
law,’’ which suggests that power density of turboma-
chinery will increase while the dimensions decrease
(Frechette 2000). In theory everything is perfect, and
results look promising, but it has been shown that there
are engineering challenges at microscale and the solu-
tions found for large-scale mechanical devices do not
necessarily apply to the new design space.

The UlGT are expected to be a power source for next
generation devices with any number of applications
from propulsion to power generation, from aerospace
industry to electronic industry. Investigated by only a
few research groups all over the world, MIT (Epstein
2003; Epstein et al. 1997, 2000; Frèchette et al. 2003;
Spadaccini et al. 2002; Zhang et al. 2002), Stanford
University (Johnston et al. 2003; Kang et al. 2004),
Michigan State University (Iancu et al. 2004), Warsaw
University of Technology—Poland (Piechna 2005),
ONERA—France (Dessornes et al. 2003; Ribaud 2003),
The University of Tokyo—Japan (Okamoto and Na-
gashima 2003; Okamoto et al. 2003) and Katholieke
Universiteit Leuven—Belgium (Peirs et al. 2004a,
2004b) the UlGT have yet to prove their utility. One of
the main problems is their low overall thermal efficiency
and output, and increased losses due to miniaturization.
Particularly, obtained compressor efficiencies have been
as low as 40–50%, reducing optimum pressure ratios
down to about P =2 (Müller and Fréchette 2002).

A proposed solution is to partially depart from the
centrifugal compression system that relies on relative
high flow speeds that are more problematic at micro-
scale; and implement a wave rotor (see Fig. 1a), in which
the compression is based on direct energy exchange by
pressure waves and which allows flow speeds much less
than in high performance turbomachines. Further, the
fast and direct energy exchange between the hot gases
and the cold air introduces a convenient feature for the
critical heat management at microscale. The wave rotor
can be implemented either in parallel to the combustion
chamber or, in case of an internal combustion wave
rotor, replacing the combustion chamber. Schematics of
the two configurations are presented in Fig. 1b and c.

Mainly the overall pressure ratio and the turbine inlet
temperature determine the gas turbine performance. For
low compressor efficiencies at microscale, it has been
shown that the overall thermal efficiency even tends to
decrease if the pressure ratio goes above around P =2
(Müller and Fréchette 2002). Using a wave rotor shall
increase the optimum overall pressure ratio, keeping the
baseline compressor pressure ratio constant or even
decreasing it, where the latter reduces the challenges in
the compressor design. The wave rotor integration is
most effective if the wave rotor compression and
expansion efficiencies are greater than those of the tur-
bomachinery components of the baseline engine. An
initial study on the efficiency of the compression process
in a wave rotor channel has suggested that values
around 70% can be achieved at microscale (Iancu et al.
2004). For large-scale wave rotors the value of 83% is
consistent throughout the literature.

While the wave rotor efficiency is based on the effi-
ciency of the shock wave compression inside each
channel, the influence of external losses can be minimum
since the wave rotor itself is the only moving part and its
rotation is only for the flow control. External losses are
leakage, windage, friction in the bearings of the rotor,
and if microfabricated losses due to sharp bends in the
flow path to the rotor since rounded corners are very
difficult to obtain in the etching direction. While all these
losses also occur in turbomachinery, they can be lower in
a wave rotor, since the compression process is only
controlled but not accomplished by the rotational speed
of the rotor. Therefore, high efficiency can be obtained
even at relative low-rotational speed and relative low-

Fig. 1 a The wave rotor active
components; b schematic of a
four port wave rotor in a
through-flow configuration: C
baseline compressor, CC
combustion chamber, WR wave
rotor, T baseline turbine; c
schematic of an internal
combustion wave rotor (ICWR)



flow speed, which implies less frictional losses and which
becomes very important at small scale.

2 The wave rotor alternative

Wave rotors are unsteady flow devices that do not use
mechanical components such as pistons or vaned
impellers to compress the fluid. Instead, the pressure rise
is obtained by generating compression waves in appro-
priate geometries. As shown in Fig. 1a, the essential
feature of these devices is an array of several channels
arranged around the axis of a cylindrical drum. The
drum rotates between two end plates each of which has
several ports or manifolds that control the fluid flow
through the channels. The number of ports and their
positions vary for different applications. Through rota-
tion, the channel ends are periodically exposed to the
ports located on the stationary end plates initiating
compression and expansion waves within the wave rotor
channels. Therefore, unlike a steady-flow turbomachine,
which either compresses or expands the gas, both com-
pression and expansion are accomplished within a single
component in which the channels are exposed to the hot
and cold gases introducing a self-cooling feature that
keeps the wall temperatures relatively low.

As explained above, the implementation of a wave
rotor at ultra-microscale appears most effective if its
compression efficiency is greater than that of the baseline
spool compressor. Whereas the latter ranges low around
50% at ultra-microscale compared to about 70–90% at
large scale, the compression efficiency of wave rotors
(gWC) have been found to be in the range of 70–86%,
mostly assuming that the wave rotor expansion effi-
ciency is equal to its compression efficiency (gWT

=gWC). This may be considered as matching the effi-
ciency of large-scale compressors or turbines and as al-
most double of that achieved with ultra-microscale
compressors. The wave rotor efficiencies are subsidized
by the following.

Thus, it appears that gWC=gWT=0.83 is a reasonable
assumption for a large-scale wave rotor with a cell
length of about 100–300 mm (Zehnder and Mayer
1984). For the smallest documented wave rotor with a
channel length of 69 mm (Okamoto and Nagashima
2003), using the wave rotor characteristic equation (Eq.

1) introduced by Wilson and Paxson (1993) and gWC

=gWT, the authors calculated an isentropic compression
efficiency of about 79%.
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Exploring the application of even smaller wave rotors
suitable for UlGT, the question arises if such wave rotor
efficiencies can be maintained at ultra-microscale. No
values are available at this scale. However, the above
values show no or only a small decrease in efficiency with
reduced size, which encourages investigations at the ul-
tra-microscale.

Using the available wave rotor efficiencies above
versus the corresponding wave rotor channel length
(shown as diamond points in Fig. 2), a trend can be
generated shown as a solid line in Fig. 2. The simple
linear extrapolation predicts wave rotor efficiency at
ultra-microscale (about 1 mm channel length) that is
greater than 70% (dotted arrow). Achieving such a
compression efficiency of a microfabricated wave rotor
would be much better than the efficiencies of around
50% obtained for microfabricated compressors (Müller
and Fréchette 2002). Furthermore, efficiency values of
compressors suitable for or corresponding to a wave
rotor channel length at the abscissa are shown by
squares in Fig. 2. This allows showing the dashed
trend line for the compressor efficiency corresponding
to the wave rotor length on the abscissa. Both trends
for the wave rotor efficiency and for the compressor
efficiency coincide at larger scale. However, toward
smaller wave rotor size for UlGT, the compressor
efficiency trend falls far below the wave rotor efficiency
trend. This suggests an advantage of using a wave
rotor for UlGT and motivates the here documented
work that investigates the trend for the wave rotor
efficiency in a more scientific way. Two effects suggest
a favorable outcome: shock wave entropy production
is independent of scale, and wave rotors can work
with relative low flow speeds (while the compression is
realized by shock waves that travel at much higher
speed than the flow speed).

3 Analytical model

The trend line in Fig. 2 suggests a wave rotor com-
pression efficiency of about 75% at microscale. To
investigate the practical relevance of this simply
extrapolated trend line of the wave rotor compression
efficiency a mathematical model was created based on
some physical background. The model considers the
entropy production by a single normal shock that runs
through the wave rotor channel and the wall friction

Table 1 Wave rotor compression and expansion efficiency and only
compression efficiency

Source gWT · gWC gWC

Taussig (1984) 0.70–0.74 0.83–0.86
Moritz (1985) 0.6 0.77
Kollbrunner (1981) 0.36–0.46 0.60–0.68
Wilson and Paxson (1993) 0.69 0.83
Fatsis and Ribaud (1999) 0.64–0.70 0.80–0.86

Data found in extant literature Italic figures are calculated
assuming gWC=gWT



generated by the gas flowing through the channel. Entry
losses due to ducting are also taken into consideration.
The only effects neglected were those of heat transfer.

Focusing on the phenomenon occurring inside a
single channel, the one-dimensional mathematical model
is based on the gas dynamics of normal shock waves for
one-dimensional flow as described by Anderson
(Anderson 2003). The model assumes air as working
fluid that is modeled as an ideal gas, and friction coef-
ficient along the channel to be a variable function of
gasdynamic conditions. The wave rotor channel is sim-
ulated as a tube with an equivalent hydraulic diameter
DH as shown in Fig. 3a. The model relates the efficiency
of the compression process to the velocity, pressure, and
temperature of the gas at the entrance of the channel
(station 1: u1, p1, T1), the pressure ratio across the shock
P S, the friction coefficient f, and tube dimensions 2 L
and DH. In Fig. 3a, a shock wave is shown that moves in
opposite direction to the flow and is positioned in the
middle of the channel. Later, it will be proved that a

snap shot evaluation at the mid position is a good rep-
resentation of the overall results and does not affect the
accuracy of the model. Friction is considered along the
lengths L before and after the shock.

From the equations of one-dimensional compressible
flow with friction, starting with the conditions at station
1 we can deduce the conditions at station 2, just before
the arrival of the shock wave. The frictional effect is
modeled as shear stress at the wall acting on a fluid with
uniform properties over the cross section. Although, the
wave rotor channels have a rectangular or trapezoidal
shape the calculations are performed using the equiva-
lent hydraulic diameter DH:

DH ¼ 4
A
P

ð2Þ

Since the port will have a dimension larger than
that of the channel, the entry losses are treated as
losses due to variation of diameter in a pipe. The
pressure drop is:

Fig. 3 One-dimensional model
of a microchannel. a Single
channel with shock traveling in
direction opposite to the flow; b
shock traveling in direction of
the flow

Fig. 2 Efficiency trend of
compression process.
References: 1 Müller and
Fréchette (2002), 2 Johnston
et al. (2003), 3 Okamoto and
Nagashima (2003), 4 Moritz
(1985), 5 Akbari and Müller
(2003), 6 Mathur (1985), 7
Taussig (1984). The
compressors were categorized
based on the wave rotors
suitable for their topping



Dp ¼ k q
u2

2
ð3Þ

Where the entry loss coefficient, k is considered to be 0.5
for a contraction with sharp 90� corners (Sabersky et al.
1998).

3.1 One-dimensional flow with friction

Knowing temperature and velocity at station 1, we can
compute the speed of sound using Eq. 4 and in turn the
Mach number with Eq. 5.

a ¼
ffiffiffiffiffiffiffiffiffiffi
c R T

p
ð4Þ

M ¼ u
a

ð5Þ

In order to find the Mach number at station 2, we use
the sonic condition as it develops due to friction, from
the flow in station 1. The virtual distance from station 1
that is needed for the flow to reach sonic condition is
denoted with L1

* and can be calculated using Eq. 6,
which is derived from the momentum equation,
expressing the shear stress in terms of friction coefficient
and integrating between station 1 and the point where
M=1(Anderson 2003).
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The classical theory of laminar flow relates the fric-
tion coefficient to be proportional to the Reynolds
number.

f ¼ 64

Re
ð7Þ

But Reynolds number is dependent on density, vis-
cosity, velocity, and hydraulic diameter (Eq. 8). The first
two are related to the temperature, one by ideal gas law,
the second by Sutherland law (Eq. 9).

Re ¼ q u DH

l
ð8Þ

l ¼ lref

T
T0

� �1:5Tref þ S
T þ S

ð9Þ

where lref=1.789·10�5 kg/ms is the reference viscosity,
Tref=273.11 K is the reference temperature and
S=110.56 K is the effective temperature in the three
coefficients Sutherland law (Sutherland 1893).

Since the same sonic condition develops from the
flow in stations 1 and 2, the difference between the two
virtual distances to sonic condition is the distance be-
tween stations L.

L ¼ L�1 � L�2 ð10Þ

By applying Eq. 6 to station 2 and substituting L2
*

from Eq. 10 we can solve Eq. 6 for the Mach number M

2. Knowing the Mach number at station 2 and all the
conditions at station 1, and applying the continuity
equation in adiabatic conditions, the pressure and tem-
perature at station 2 can be calculated with Eqs. 11 and
12:

p2 ¼ p1
M1

M2
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T2 ¼ T1 �
2þ ðc� 1ÞM2

1

2þ ðc� 1ÞM2
2

ð12Þ

Adiabatic conditions were assumed for the analytical
one-dimensional model, justified by numerical results
obtained for relevant cases as shown further below.Using
a CFD code, a two-dimensional model was investigated
with and without adiabatic walls. Comparing the pres-
sure and temperature distributions revealed errors below
1%, as displayed in Fig. 4. The set-up conditions for the
model are described in the following section.

3.2 Flow across a moving shock

Knowing T2, the speed of sound a2, can be calculated
with Eq. 4 and then velocity of the flow u2. Assuming
that the distance between stations 2 and 3 is negligible,
and knowing the pressure ratio across the shock P S

=p3 /p2, conditions at station 3 can be obtained
employing the normal shock relations (Eqs. 13 and 14).

T3 ¼ T2 PS

cþ1
c�1þPS

1þ cþ1
c�1 PS

 !
ð13Þ

From the three basic Euler equations, the Mach num-
ber of the shock wave, MS, can be evaluated as follows:

MS ¼
ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
cþ 1

2c
ðPS � 1Þ þ 1

s
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Knowing that MS =w/a 2, it results that the velocity
of the shock wave, w is:

w ¼ a2:

ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
cþ 1

2c
:ðPs � 1Þ

s
ð15Þ

and the induced velocity of the flow behind the wave up is

up ¼
a2
c

PS � 1ð Þ

ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
2c=cþ 1

c� 1=cþ 1þPS

vuut ð16Þ

The velocity of the flow at station 3 is a vector sum of
the initial velocity of the flow and the velocity induced
by the moving shock wave.



~u3 ¼~u2 þ~up ð17Þ

From stations 3 to 4, the same algorithm is applied as
for the flow traveling from 1 to 2.

Since this is an unsteady process the total properties
behind the shock at station 3 are different from the ones
in front of the shock (station 2). The total pressure is
calculated using the known properties of the induced
mass motion instead of being directly calculated from
the equation of state (Anderson 2003).

The isentropic efficiency of compression process is
defined as temperature difference for an isentropic pro-
cess versus a real process (Dixon 1998):

gC ¼
DTS

DT
ð18Þ

For the model presented here it can be calculated by,

gC ¼
p4
p1

� �cair�1
cair �1

T4

T1
� 1

ð19Þ

4 Numerical model

Several researchers have investigated compressible flow
in microchannels. Some have been focused on recover-
ing characteristics of the flow (Xue and Chen 2003),
others studied the behavior of compressible flow at
microscale and the differences to large scale (Papautsky
et al. 2001). In the present work a numerical model was
created to validate the analytical model described in
section 3 and explore the flow behavior at microscale.

A two-dimensional numerical model was designed to
simulate as best as possible the real life conditions in a
wave rotor channel. The channel modeled is 1 mm long
and 76 lm wide and has a larger inlet duct (port) and
opens into a larger outlet port (Fig. 5). GAMBIT 2.0
was used to create the mesh and set up the interface,

initial conditions and boundary zones for the given
geometry. The mesh size in channels and inlet and outlet
ports was carefully selected to provide accurate and fast
solutions. Tetrahedral mesh was used with a 2 lm cell
size for the channel and a paved 10 lm cells for the
inflow and outflow ports. Tests showed that finer meshes
would not provide more accurate results but only cause
additional computational time. For the mesh, standard
quad elements were used in a map and pave type dis-
tribution. The pave distribution was used to connect the
finer mesh of the channel with the coarser mesh of the
ports. Once the grid was generated in GAMBIT, the
mesh was imported into FLUENT 6.1. Boundary con-

Fig. 5 Mesh models of a microchannel, inlet and outlet ports

Fig. 4 Pressure and
temperature distributions for a
single channel model with heat
transfer calculations and
without. Flow moving from left
to right. The results were
obtained using FLUENT 6.1



ditions, solving method, working fluids type, conver-
gence criterion, and several other functions (parameters)
were defined prior to the simulation.

The fluid material used in modeling the flow was air,
treated as compressible ideal gas. The specific heat and
thermal conductivity were kept constant, while the vis-
cosity varied with temperature, according to Suther-
land’s law.

For the model including heat transfer the solid walls
were modeled out of silicon, assuming constant density
and specific heat, and the thermal conductivity varied
liner with temperature.

An implicit solver model of FLUENT was used,
coupling the conservation and momentum equations
with the energy equation and the flow was treated as
laminar, viscous, and unsteady (Iancu et al. 2005).

Boundary conditions at inlet and outlet ports play
important roles in flow field simulations, since a specific
pressure jump across the shock cannot be defined. A
pressure inlet was set up on the left edge (side) of the
inlet duct, and similarly a pressure outlet was set up at
the far right side of the outlet duct. The channel and the
duct (ports) were initially assumed to be filled with fluid
at constant pressure and temperature. A high pressure,
high temperature fluid was supplied through the pres-
sure inlet zone. To the entire fluid region an axial motion
was induced with the velocity u1. These boundary con-
ditions (pressures, temperatures, and velocities) are
presented in Table 2. The meshed model is presented in
Fig. 5.

5 Results and discussions

5.1 Analytical results

The model described in this paper is applied to com-
pressible air flow with Reynolds numbers in the range of
500–1500. These values were obtained using Eq. 8,
which is also valid for shock wave propagation in a
narrow channel (Sun et al. 2001). Further, based on the
analysis of gas flow characteristics in silicon micro-
channels by Ying-Tao et al. (2002), the friction coeffi-
cient f has been found to be approximately 0.04 for a
Reynolds number of 500, while for Reynolds numbers
greater than 1000, the friction coefficient becomes less
than 0.005. The friction coefficient is plotted with respect

to Re for the theoretical calculations and experimental
values (Fig. 6).

The entry data for the model have been introduced
based on preliminary thermodynamic calculations of a
wave rotor suitable for an UlGT (Iancu et al. 2004) and
initial thermodynamic parameters used by the MIT
group (Kang 2001; Epstein 2004; Frechette et al. 2005).
The data are found in Table 2.

Since the shock is moving through the channel, the
calculations were made on discrete time steps (snap-
shots), at which the shock was found in discrete posi-
tions with respect to the channel length.

Finding afterwards average values of compression
efficiency by integrating the values of efficiency obtained
at the discrete time steps with respect to channel length,
it was found that these integral efficiencies are well
represented by the discrete efficiency value calculated for
the moment (snapshot) when the shock wave moves
through the center position of the tube. The error
introduced by this approximation is in the range of 0–
5% and considered negligible. This is due to an almost
linear dependence of the discrete efficiencies of the
compression process on the momentary position of the
moving shock in the channel. This is shown in Figs. 7
and 8 for different pressure ratios across the shock. The
efficiency values averaged over the channel length are
shown by horizontal lines for each shock pressure ratio.
It is seen that the average values for each pressure ratio
correspond very well to the respective discrete efficiency
values found at the half channel length position, which
justifies the use of the snapshot value at half channel
position as a representative value for the entire com-
pression process during which the shock wave moves
through the full length of the channel.

Results in Fig. 7 have been obtained for an entry
temperature of 1465 K, while for Fig. 8 a temperature of
750 K has been used.

Figure 9 presents the results for a shock traveling in
the direction of the flow for an entrance temperature of
1465 K.

Comparing results of efficiency for both directions of
the shock wave, a small difference between the averaged
values of both cases is noticed. When the flow travels
along the tube its pressure drops due to the friction
losses (Eqs. 6, 7, 8, 9, 10, 11, and 12). Assuming that the
flow moves from stations 1 to 4 and that there is a
constant pressure ratio across the shock, the following
scenarios can be seen:

If the flow meets the shock close to station 1, the
pressure loss from 1 to 2 is very small due to the short
length traveled. Then, the shock increases the pressure to
a high p3, while it afterwards gradually reduces to p4,
resulting in a relative high average pressure throughout
the tube. Therefore, the average density is relatively
high, the average flow velocity relatively low, and the
losses are relatively small. If the flow meets the shock
close to station 4, the pressure in front of the shock p2 is
already considerably lower than in the previous case due
to the pressure loss incurred by now traveling the much

Table 2 Entry data for the analytical model

Property Value

Static inlet pressure (p0) 2.57·105 Pa
Static inlet temperature (T0) 1465 K
Inlet velocity (u0) 350 m/s
Air specific heat ratio (cair) 1.4
Air specific gas constant (Rair) 287 J/kg K
Channel length (L) 10�3 m
Channel diameter (DH) 76·10�6 m



longer distance between stations 1 and 2. The shock then
brings the pressure up to p3 that is only a little more than
p4, since there is only a small pressure loss from 3 to 4
due to the short distance. The pressure behind the shock
will be much less than in the previous case, even though
the pressure ratio is the same in both cases. Conse-
quently, the average pressure throughout the tube is
relatively low and therefore the average density is rela-
tively low too, requiring high average flow velocity that
causes greater frictional losses reducing the efficiency of
the compression process as seen in Figs. 7 and 9. A
schematic of this process with snapshots for both cases is
presented in Fig. 10.

The effect is reversed when the shock wave is moving
in the same direction as the flow since the higher pres-
sure is behind the shock and the highest pressure is at the
entrance of the flow and not at the exit. The efficiency is
higher if the shock is closer to station 4, as Fig. 10
shows. Also, if shock wave and flow have the same

direction, it is seen that the efficiency increases with
decreasing pressure ratio.

Thus, for obtaining a maximum efficiency, for a pri-
mary shock wave that travels in the same direction a
lower pressure ratio would be preferred and a higher
pressure ratio for a reflected shock wave traveling in
opposite direction. But since the reflected shock cannot
be stronger than the primary one, a compromise has to
be made in order to choose the optimum pair of pressure
ratios for both shocks. The results presented above are
summarized in Table 3. The table reveals a maximum
efficiency for opposite direction of flow and shock wave.
Such maximum is not found for same direction of flow
and shock wave, since pressure ratios lower than 1.5 are
too small to compensate the friction losses.

For further investigations the above-justified
approximation will be employed that uses the discrete
efficiency value obtained for the moving shock at the
half channel length position as an average value for the

Fig. 6 Variation of friction
coefficient with respect to
Reynolds number assuming
laminar flow: solid line
calculation using classic theory
(f=64 /Re); dotted line
experimental results for
microscale flow

Fig. 7 Efficiency of
compression process as
function of position of shock
inside the microchannel for
different shock strengths, inlet
temperature of 1465 K, and a
shock traveling in direction
opposite to the flow. Results
obtained using analytical one-
dimensional code



entire shock wave compression. The variation of the
efficiency with the inlet temperature is presented next.

A variable friction coefficient is introduced for these
simulations. The friction coefficient is dependent on
Reynolds number and indirectly on viscosity and tem-
perature. Using the relation (19), the efficiency results
for various entry temperatures and shock strengths was
calculated. Since according to Ying-Tao et al. (2002), for
a laminar flow at microscale, the friction coefficient does
not depend linearly on the Reynolds number a second
set of efficiencies for the same range of inlet tempera-
tures were generated using their experimentally obtained
dependence of the friction coefficient on the Reynolds
number. These two sets of efficiency are presented in
Fig. 11. As noticed, the efficiencies obtained with the
experimentally determined friction coefficient are about
10% higher than the ones obtained using the theoretical
friction coefficient. For each pressure ratio across the
shock, an optimum entry temperature can be found,
which will lead to highest efficiency. Another observa-
tion that can be made is that the values of efficiency vary

only a little with entry temperature, justifying the use of
a constant friction coefficient determined for the inlet
temperature. This effect is caused by the dual influence
of the temperature: higher temperature leads to lower
Mach number for same inlet velocity, but lower Rey-
nolds number, thus higher friction coefficient. The effect
of lower Mach number and higher friction coefficient are
opposite when calculating the characteristic length in
Eq. 6.

An important parameter in wave rotor design as well
as shock tube design is the length/diameter ratio. In the
here relevant case of a ultra-micro wave rotor, the ratio
was chosen to be 6.67, due to microfabrication con-
straints. But variation of this parameter over a wider
range showed that the efficiency does not vary signifi-
cantly, variation being more considerable for lower
pressure ratios. For a shock strength, P S=1.8 the
variation is only 3.3% for a diameter from DH=30 lm
up to 100 lm and a 1 mm channel length. According to
the above findings, in these calculations the friction
coefficient is based on the inlet temperature and the

Fig. 9 Efficiency of
compression process as
function of position of shock
inside the microchannel for
different shock strengths, inlet
temperature of 1465 K, and a
shock traveling in the direction
of the flow. Results obtained
using analytical one-
dimensional code

Fig. 8 Efficiency of
compression process function
of position of shock inside the
microchannel for different
shock strengths, inlet
temperature of 750 K, and a
shock traveling in the direction
opposite to the flow. Results
obtained using analytical one-
dimensional code



experimental graph shown in Fig. 6. Efficiency results
are plotted in Fig. 12. The left graphs present the results
versus length/diameter ratio with shock pressure ratio as
parameter, while the graph on the right side is like a side
view with the length/diameter ratio as parameter. On the
right side the solid line connects the optimum pressure
ratios for maximum efficiency for each length/diameter
ratio.

5.2 CFD results

Using the results obtained with the CFD model de-
scribed above, efficiency values can be established for the
compression process, based on the values of pressure
and temperature across the shock and using Eq. 19. This
is simplified by the fact that the properties in front of the

shock (right side) are constant up to the end of the
channel. Further it can be seen in the CFD results that
for the initial part of the process, the pressure drop is
confined over a short distance (between stations 2 and 3
in Fig. 13a). As the shock wave travels further from the
left to the right, the pressure gradient dissipates more
and more continuously over a longer range. Instead of a
well-defined shock wave, it can then be seen a set of
compression waves distributed over more than a half of
the length of the channel (Fig. 13b).

This effect has already been noted by Brouillette in
his experiments with microscale shock tubes (Brouillette
2003) and it originates from the stronger influence of the
viscous forces at low Reynolds numbers. In the density
contour plot (Fig. 14), the existence of the boundary
layer can be seen clearly, behind the shock wave as soon
as it has traveled about 20% of the channel length.

5.3 Comparison of results

Keeping a constant L/DH ratio of 6.67, a scale influence
on the efficiency of the shock wave compression process
was investigated. The upper continuous line in Fig. 15
presents this effect based on the presented analytical
one-dimensional model. Two sets of data points are
shown along with this graph. Using the CFD model
efficiencies of compression process for two cell lengths
were calculated (for 1 and 2 mm). At the same time the
literature results initially presented in Fig. 1 are placed
on the graph. It is observed that the analytical one-
dimensional model over predicts the efficiency of the

Table 3 Efficiencies of compression process function of shock
pressure ratio, entrance temperature, and direction of moving
shock

P S=1.5 P S=1.7 P S=1.8 P S=1.9 P S=2.0 P S=2.1

T0=750
Reverse
direction

0.801 0.849 0.858 0.863 0.865 0.864

T0=1465
Reverse
direction

0.865 0.890 0.893 0.894 0.892 0.890

T0=1465
Same
direction

0.929 0.921 0.908 0.893 0.877 0.855

Fig. 10 Schematic of pressure
distribution along the
microchannel. a Snapshot while
shock is close to entrance; b
snapshot while shock is close to
exit. Pressure p1 is the same for
both cases



compression process, mainly because it represents only
the gasdynamic process inside the wave rotor cells, while
the literature results present the efficiencies of wave rotor
systems as a whole. It can be concluded that the ana-
lytical model over predicts the efficiency by approxi-
mately 10–15%. This difference is attributed to
additional losses not considered in the presented model.
These are mainly due to leakage between the channel
ends and the end plates, but also due to some heat
transfer and slight off-design operation. Accounting for
these losses additionally to the results of the analytical
model, a real compression efficiency of 65–70% can be
predicted for microscale ultra-micro wave rotors with
channel lengths in the order of 1 mm.

6 Conclusions

Utilizing a wave rotor to improve the performance of an
UlGT appears to be a promising solution. Even if
pressure ratio of the baseline engine is already opti-
mized, the wave rotor can still enhance both the overall
thermal efficiency and cycle specific work output if the
wave rotor compression efficiency is higher than that of
the baseline engine compressor. Adding a wave rotor
also reduces the baseline compressor pressure ratio and
the exit temperature of the compressor. Furthermore,
this may reduce the compressor diameter and rotational
speed which results in reduced mechanical and thermal
stresses and relaxed design constraints. From the man-
ufacturing point of view, adding a wave rotor is much
easier at microscale than at macroscale because the wave
rotor can easily be etched in silicon due to its common
extruded two-dimensional shape. Based on documented

Fig. 11 Efficiency of
compression process as
function of entry temperature
for different shock strengths,
and for a shock traveling in the
direction opposite to the flow.
Results obtained using
analytical one-dimensional code

Fig. 12 Efficiency of compression process function of microchan-
nel length/diameter ratio for different shock strengths, and for a
shock traveling in the direction of the flow. Results obtained using
analytical one-dimensional code



wave rotor efficiencies at larger scale and subsidized by
both a gasdynamic model that includes wall friction, and
a CFD model, the wave rotor compression efficiency at
microfabrication scale could be estimated at about 70%,
which is much higher than the obtained efficiency of
centrifugal compressors in a microfabricated gas tur-
bine. This already reduced value encompasses for addi-
tional losses that were not accounted for in the presented
models. The results show that the efficiency depends not
only on pressure gain across the shock wave traveling
through the wave rotor channel, but also depends on the
loss coefficient for the channel geometry. According to
the here employed model that is applicable for all wave
rotor sizes, shorter wave rotor channels with larger

diameter let expect a higher compression efficiency of the
wave rotor. The temperature at which the compression
process is initiated also has a considerable influence,
higher temperatures yield higher efficiencies.

All theoretical and numerical results presented here
encourage the idea that at microscale compression by
shock waves may be more efficient than by conventional
centrifugal compressors. However, experimental results
will be useful for further validation of the presented
model.
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Fig. 14 Density contours inside
a microchannel. Time=1 is
when pressure wave reached the
end of the channel. Flow
moving from left to right.
Results have been obtained
using CFD code FLUENT 6.1

Fig. 13 Static pressure inside a
microchannel at two different
time steps. Time=1 is when
pressure wave reached the end
of the channel. Flow moving
from left to right. Results
obtained using CFD code
FLUENT 6.1
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